Heat transfer is significant in turbochargers and a number of mathematical models have been 9
INTRODUCTION

25
Turbocharging internal combustion engines is set to increase rapidly as this is a key technology to 26 deliver fuel economy savings for both Diesel and spark ignition engines [1] . Using a compressor to 27 provide higher air flows to an internal combustion engine increases the power density and allows 28 smaller engines to be used in more high power applications, reducing overall weight and friction. 29
The matching of a turbocharger with an internal combustion engine is a crucial step in the 30 development process and relies on simulation of the engine air path system. In these models, 31 turbochargers are represented by characteristic maps, which are defined from measurements of 32 pressure ratio, shaft speed, mass flow and isentropic efficiency taken from a gas stand. Whilst the 33 mass flow, pressure ratio, and speed can be measured directly, the efficiency has to be calculated 34 from measured gas temperatures. For both turbine and compressor, enthalpy changes in the 35 working fluids are equated to work changes during the characterisation process 1 . Any heat transfer 36 affecting these gas temperature measurements will cause errors in the characterisation process. 37
Conversely, when the characteristic maps are subsequently used in engine simulations to predict 38 engine performance; if heat transfers are ignored then a poor prediction of gas temperatures for 39
inter-cooling and after-treatment will arise. Consequently there is a two-fold interest in 40 understanding and modelling heat transfer in turbochargers: 41 1. To improve the accuracy of work transfer measurements during characterisation. 42 2. To improve the prediction of gas temperatures in engine simulations. 43
Current practice ignores heat transfers and limits investigations to operating conditions where heat 44 transfer are small compared to work transfers; these conditions prevail for the compressor at higher 45 turbocharger speeds but heat transfer is always significant in the turbine. Parametric curve fitting 46 techniques are then used to extrapolate to the lower speed region [2] . 47 turbocharger heat transfer and strongly affects the gas temperature entering after-treatment 49 systems. In particular, this paper aims to assess the applicability of gas-stand derived heat transfer 50 models to on-engine conditions where flows are hotter, pulsating and highly transient. 51
BACKGROUND
52
A number of studies into heat transfer in turbochargers have been presented over the past 15 years. 53
The first studies focussed on quantifying the effects of heat transfer on steady flow gas stands by 54 comparing the work transfers that would be measured based on temperature changes for different to ambient as 25% of total turbine heat transfer, however at 700 o C TIT, where temperature 62 gradients to ambient were much higher, Shaaban [5] estimated this at 70%. 63
A number of modelling approaches have been used ranging from 3D conjugate heat transfer, giving 64 a detailed insight to the heat transfer processes [9, 10] , to simple 1D models for use with engine 65 simulations. The most basic approach adopted to improve the correlation of engine models to 66 experimental data consists of empirically adapting or correcting turbine maps using efficiency 67 multipliers [8, 11] . This approach is typically parameterized to estimate heat energy directly using an 68 exponential function that decays with increasing mass flow or turbine power and is tuned to match 69 measured data from an engine or vehicle dynamometer. Whilst this approach can improve the 70 accuracy of engine models, it is not predictive and alternative models have been proposed. 71 assumption in 1D models assumes that heat transfer and work transfer occur independently [13] [14] [15] ; 73 this is represented schematically on enthalpy-entropy diagrams in figure 1. The actual processes 74 undergone by the gases are shown between states 1-2 and 3-4 for compressor and turbine 75 respectively. The split of work and heat transfer is shown by the intermediate states 1', 2', 3' and 4' 76 such that flow through the turbine is composed of the following stages: 77 1. A heating or cooling at constant pressure (processes 1-1' and 3'-3), 78
2. An adiabatic compression/expansion (processes 1'-2' and 3'-4') 79 3. A heating or cooling at constant pressure (processes 2'-2 and 4'-4) 80
Based on this analysis it is obvious that any measurement of temperature change across the turbine 81 or compressor will include both the work and heat transfers, and that any estimate of work based on 82 the total enthalpy change will include an error equal to the net heat transfer (equation 1). 83
The isentropic efficiencies used in engine simulation codes are described for compressor and turbine 85 in equations 2 and 3 respectively. These equations describe the transitions between 1'-2' and 3'-4'. 
118
The heat transfer models have been shown to improve the accuracy of turbine outlet temperature 119 prediction from an over prediction of o C to within ±10 o C [16] . However, no direct comparison 120 has been made for the same device between gas stand and engine operation. In this paper, an 121 investigation with the same turbocharger and crucially the same instrumentation was conducted in 122 both environments. 
149
To eliminate ̇, and ̇, from equation 9, a measured turbine housing temperature was 150 used which avoids the uncertainties in modelling external heat transfer, most notably with respect 151 to external air flows which strongly affect the convection term [24], are highly specific to different 152 installations (gas stand, engine dynamometer, in-vehicle) and difficult to capture without a full 3D 153 simulation. 154
The flow path inside the turbine is highly complex with variations in section, flow rates and 155 convective area. For the turbine, the tongue could be approximated to a short pipe of constant 156 diameter, however the scroll has a gradually reducing diameter and mass flow rate as gas enters the 157 stator and rotor flow passages. The flow is then combined in the diffuser, which may once again be 158 approximated as constant diameter pipe. From a heat transfer perspective, this means that the large 159 spatial variations in flow conditions will result in a wide range of local Reynolds numbers that would 160 be difficult to validate experimentally. 161 adiabatic expansion between them. The heat transfer in the pipes is calculated using Newton's law 163 of cooling (equations 10 and 11). The total wetted area, ( = , + , ) can be determined 164 from part geometry. The breakdown of area pre-and post-compression in this paper is assumed to 165 be 85% of total area before expansion and 15% after, which has been determined based on a 166 qualitative assessment of static temperature drop through the turbine. Whilst a more rigourous 167 approach to determining this breakdown in area could be desirable, previous work on heat flows in 168 
176
It is vitally important the definition of characteristic length DT and effective heat transfer area Ax,T be 177 provided with the convection correlation parameters c1 and c2 in equation 12 as many dimensions 178 could be considered for this. Here, the inlet and outlet diameters are defined as characteristic 179 lengths whilst the internal heat transfer area is the total area as calculated from part geometry. 180
Work transfer and Gas Dynamic Model
181
The model assumes that work and heat transfer occur independently. The enthalpy change due to 182 heat transfer is captured by the model described above whilst the work transfer will be captured by 183 an isentropic efficiency term that represents the isentropic efficiency that would be observed 184 experimentally if no heat transfer were present. These were derived from the isentropic efficiencies 185 derived from the gas stand measurements, (equation the measurements. In this way, a distribution of temperature is captured at the four gas ports of the 211 turbocharger and is able to capture to a degree the non-homogeneous temperature that exists at 212 these ports [26] . Crucially the instrumentation between gas stand and on-engine remains constant 213 allowing for direct comparison between the two configurations. Additional thermocouples were 214 installed in the bearing, turbine and compressor housings in order to estimate a bulk metal 215 temperature (figure 3b and c). 216
Gas stand test facility
217
A schematic of the gas stand facility is given in figure 4 : the turbine is supplied with hot compressed 218 air from a screw compressor and electrical heating system. The flow through the turbine is 219 controlled through an electric valve and measured using a thermal flow meter before being 220 thermally conditioned by two electric heaters. The turbine drives the compressor and flow through 221 the compressor is controlled by a second electric valve, and measured using a second thermal flow 222 meter. Temperatures and pressures are measured at the inlet and outlet of both devices using k-223 type thermocouples and piezo-resistive sensors respectively. Additional k-type temperature sensors 224 integral to the gas stand facility were also available for these experiments. The turbocharger is 225 lubricated using a dedicated oil supply and conditioning system, ensuring oil temperature remains 226 
Engine test facility
233
A 2.2L Diesel engine was installed on a transient AC dynamometer and was used to control 234 turbocharger operating point by varying speed and load conditions. The air flow through the 235 compressor was measured directly using an ABB Sensyflow hot wire flow meter. The flow through 236 the turbine was estimated from the compressor air flow and the fuel flow, measured from a CP 237
Engineering FMS1000 gravimetric fuel balance. Pressure measurements were made on a 10Hz basis 238 using Druck PTX sensors at the inlet and outlet of both turbine and compressor. At the inlet and 239 outlet of the turbine pressures were also measured on an engine crank angle basis using Kistler 4049 240 piezo-resistive sensors. 241
The following experiments were repeated three times to increase confidence in results: 242  14 thermally stable conditions following 8min stabilisation period (figure 6a) 243 minute hold time (see figure 6b). Three minutes was chosen as this allows for the system to 245 stabilise between transients thus allowing for the individual analysis of each step transient. 246
The steady and transient engine operating conditions are also shown on the turbine and compressor 247 maps in figure 5 . 248 
Measurement Uncertainty
19
Where the uncertainty in the work transfer, uWT, is estimated in a similar manner by applying 256 equation 18 to equations 5-7. Uncertainties arising solely as a result of sensor uncertainties are 257 given as the solid square points in the upper graphs of figure 7 (a-c) for turbine work, turbine heat 258 transfer rate and turbine Nusselt number. The uncertainty for turbine work increases at lower 259 turbine speeds because the measurement is dependent on the difference in temperatures before 260 and after the compressor: as the speed and power reduce, this difference becomes considerably 261 small. In contrast, heat transfer rate and Nusselt number have increasing uncertainties at higher 262 shaft speeds. This is because the uncertainties for both these quantities is highly sensitive to mass 263 flow rate and therefore higher uncertainty results at higher mass flows. 264 
266
In addition to the measurement uncertainty, of particular importance is the calculation of 267 compressor work based on the temperature measurements at compressor inlet and outlet (equation 
276
The uncertainty due to heat transfer is combined with the sensor uncertainties to calculate the 277 influence on key uncertainties using equation 18. These are presented alongside the sensor only 278 uncertainties in figure 7. For turbine work, the increased uncertainty as a result of ignoring heat 279 transfer is significant for turbocharger speeds below 100krpm and at 50krpm the increased 280 uncertainty through ignoring heat transfer is around 30% of the measured value. Clearly this is a 281 severe limitation and illustrates why turbine maps measured in this way are only provided at higher 282 shaft speeds. The effect on uncertainty for turbine heat transfer and Nusselt number is considerably 283 less and at 50krpm the uncertainty increase is only 6% of the measurement. It is these latter two 284 quantities that are most important and high uncertainties for the turbine work will be tolerated. 285
RESULTS AND DISCUSSION
286
Overview of Heat transfer 287
The ratio of heat to work transfer gives an indication of the importance of heat transfer for turbine 288 performance prediction. This is shown over the engine operating map in figure 8, against turbine 289 mechanical power in figure 9 and over the turbine map in figure 10 . This highlights the problem that 290 heat transfer is more significant a lower turbine powers where they are not typically mapped, 291 corresponding to lower engine powers. The results in figures 9 and 10 are obvious because they 292
show that heat transfer is strongly linked to temperature and operating point. It is interesting to 293 note that heat transfer accounts for at least 20% of the enthalpy drop over the turbine but that at 294 low turbine powers, this proportion can be significantly higher, even with low turbine gas 295 temperatures. Through figure 9, the exponential correction curves used to correct turbine maps for 296 correlating engine models to measured data [8, 11] are clearly visible. 297 Turbine Nusselt numbers were also calculated based on the gas stand data using the thermocouples 350 located on the turbocharger inlet and outlet port, and identical to the measurements used on-351 engine. These are compared to those obtained previously and to results from the engine 352 experiments in figure 13. These will be discussed in the next section. 353
Internal Convection
On-engine results 354
The analysis was repeated for engine based experiments and results are shown in figure 
358
The results in figure 13 shows good agreement between the engine and gas stand data when the 359 same temperature sensors are used in both cases. The agreement is worst when comparing the 360 engine data with that obtained from the gas stand using gas stand standard instrumentation, 361 especially at low Reynolds numbers. The discrepancy between gas stand and engine Nusselt number 362 at low Reynolds number can primarily be attributed to the measurements of temperatures at inlet 363 and outlet of the turbine. On the gas stand, conditions for this measurement are more favourable as 364 the flow is both steady and enters and leaves the turbine long straight pipes. On the engine, the 365 flows are both pulsating and the geometry of the exhaust manifold and subsequent exhaust system 366 make the temperature measurement particularly complex. Future studies should consider further 367 measures to promote the accuracy in an engine situation such as the inclusion of bespoke 368 measurement sections replicating to some extent the gas stand layout. It is interesting to note that 369 when using the same instrumentation on-engine and on gas stand, there is strong agreement 370 despite the differences in flow conditions showing that sensor location is a dominant effect. 
PROBES
579
In order to estimate the transient response of a thermocouple probe situated in the gas stream at 580 the inlet or outlet of the turbocharger turbine, the problem can be assumed to be equivalent to that 581 of a small sphere located within a flow of gas. The convective heat transfer coefficeint for such a 582 configuration has been determined empirically and can be calculated from equation 23 [21] . 
23
Where the characteristic length is the diameter of the thermocouple tip . 584
The main stream velocity at the inlet or outlet of the turbine can be related to the mass flow in the 585 turbine using equation 24. This velocity is then used in the callculation of the Reynolds Number. 586 
